Enhancing the heat transfer surface by usage of cellular metal structures, such as foams or wire structures, might allow enlarging the surface area, increasing the heat transfer coefficients, decreasing the material utilization, and enabling the flexibility of different geometrical dimensions. However their manufacturing and assembling in a large heat exchanger for performance testing and optimizing can be costly. Therefore a test rig was constructed for experimental characterization of heat transfer surface area enhancements. Heat exchanger samples with dimensions in the centimeter range can be measured. The fluid flow and heat transfer features of a micro pin fin wire structure made from copper by soft-soldering were experimentally characterized under steady-state forced air convection. The results are compared to performance characteristics of louvered fins. Heat transfer coefficients of the pin fins are twice as high as for the louvered fins. The relative expanded uncertainty of the Nusselt number is ±7%.
Introduction
In recent years the development of cellular metal structures as heat transfer surface area enhancements has intensified. These structures are attractive for a wide range of applications where dissipation of heat within relatively small spaces is demanded. The cellular metal structures can be classified into two classes, one with a stochastic topology and the other with a periodic structure [1] . Examples of a stochastic topology include metal foams and packed beds. However, these structures generally suffer from very high pressure drops due to their undirected microgeometry [2] [3] [4] . At the same time, heat flux through undirected microgeometry is inhibited. Examples of periodic cellular metal structures include materials made from stacked or corrugated metal textiles, pin fins and microtruss concepts (e.g., tetrahedral, pyramidal, or Kagome topologies) [1, 5, 6] .
The focus of this experimental study is on cellular metal structures, particularly wire structures, in gas-to-liquid heat exchangers. The heat transfer enhancement is realized on the gas side, as heat transfer is limited there; primarily due to the low thermal conductivity of gas. The heat transfer process can be compared to a process with ordinary fins, with gas flowing around the additional structure. Assuming that the gas is colder than the liquid, heat is transferred from the liquid to the fluid-separating wall primarily by convection, through the fluid-separating wall and the structure by conduction, and finally to the gas, again primarily by convection. A variety of different wire structure design ideas are given in the literature and on the market. Those include metallic woven-wire mesh structures [7] [8] [9] and screen-fin structures [10] , which are contacted to a flat primary surface. Vision4Energy [11] is one manufacturer of an air-to-air heat exchanger with a separating plastic wall; numerical performance evaluation of that heat exchanger is done by Bonestroo [12] . Further numerical studies of pins and a comparison of the thermal and fluid dynamic performances with louvered fins are given in Sahiti [13] . The performance comparison shows that the pin fin heat exchanger is able to perform equally to a reference louvered fin heat exchanger, but with 22% less volume. Fugmann et al. [14] show the potential for a set of parallel wire structures based on computational fluid dynamics (CFD) simulation.
As the manufacturing of these new structures is demanding and a variation of geometry is often necessary, manufacturing of real size heat exchangers is costly in terms of labor and investment. Thus an experimental setup for small scale samples (with air channel heights in the centimeter range) is favored over a setup for large scale samples. Smaller test rigs are accompanied with higher relative uncertainties, due to e.g., lower mass flow rates and lower heat transfer rates. Thereof limitations for performance evaluation of the heat transfer enhancement structures are given. This paper demonstrates the benefits and drawbacks of a small test rig and the possibilities for performance measurement of new structures.
A number of authors have constructed test facilities for small scale samples and show some limitations of performance analysis. Petroski [15] describes the test rig for measurement of confined, saw-tooth shaped wire-on-tube condensers with a height of channel equal to 50.8 mm and the width of the test section fixed at 762 mm. Prasad [9] shows measurements for a packed bed solar absorber (wire screen matrices) with a channel height of 25 mm. Tian et al. [1] reduce the channel height further to 10 mm for measurements of cellular copper structures. They vary the mean inlet air velocity from 1.0 to 10 m/s and work out a comparison of different heat transfer surface area enhancements with an uncertainty in Nusselt number of 5%. Kim et al. [16] examine triangulated, lightweight, aluminum lattice-frame materials (LFMs) with a channel height of 12 mm. A non-rectangular cross section test rig is described in Hutter [3] , with a 7 mm diameter round tube and a porous media foam inside the tube. For the applied thermocouples an accuracy of 0.5 °C is assumed. A collection of test facility characteristics is given in Table 1 . In this study a comparison of louvered fins with a wire structure based on micro pin fins was performed. The wire diameter of the manufactured structures is in the tenth millimeter range. The lengths of the wires between two sample faces, separating the liquid side from the gas side, are in the lower centimeter range. A heat transfer coefficient of approximately 250 W/(m²K) is expected for an air flow around a single wire of 0.25 mm in diameter ( [17] , Chapter Gf) and for the micro pin fin geometry tested within this study [14] (incoming air temperature: 25 °C; velocity: 2 m/s).
Two questions shall be answered within this paper: (i) What are the geometrical and operational restrictions for a performance analysis of a small scale surface area enhancement with sufficient measurement accuracy? (ii) Is it possible to confirm the simulated high potential in thermo-hydraulic performance of a micro pin fin wire structure with measurements?
Test Samples

Louvered Fins
Louvered fins were chosen to represent a market available geometry for an enhancement. The louvered fins serve as a reference. The copper fins in the test sample (Figure 1 ) have 16 louvers within a flow length of 32 mm. With a fin pitch of 2 mm and a fin thickness of 0.04 mm, this geometry reaches volume specific surface areas above 2100 m²/m³. Further morphological information is given in Table 2 . Figure 1 . Air-to-water flat tube heat exchanger (left) with louvered fins between the tubes (middle); Details of a louvered fin package used between top and bottom sample plates (right) [18] . 
Micro Pin Fins
A wire structure geometry was used as the second method of surface area enhancement in this study. Two idealized approaches for geometrical arrangement of the wires are common: The wires are arranged in-line or in a staggered manner as shown in Figure 3 . The wires are separated by long in the air flow direction and by lat in the direction perpendicular to the air flow. In this study the sample wire structure is in a staggered arrangement. The manufacturing of the sample consists of (i) cutting of the copper wires to equal length, (ii) forming a wire bundle, (iii) positioning of the wires on a perforated metal plate, (iv) soldering of the wires to the bottom sample plate, and (v) soldering the wires to the top sample plate. The test core ( Figure 4 ) has geometrical irregularities due to this manual manufacturing process. Mean morphological properties are given in Table 2 . The test core was design, such that thermo-hydraulic performance for velocities of 2 to 2.5 m/s could be determined. 
Experimental Setup
Test Set-Up
A schematic diagram of the test rig for pressure drop and heat transfer measurements is shown in Figure 5 . The main components are: air flow conditioning section, test section, test sample, test core, and data acquisition.
The air flow conditioning section is installed prior to the test section. It comprises a chiller, an electric heater, a humidifier, a controllable fan and the respective sensors for air temperature, humidity and volume flow (orifice plate). It can deliver temperatures in the range of −10 to 40 °C and volume flow rates between 80 m³/h and 300 m³/h. Preconditioned air, as coolant, is drawn from the conditioning section to the test section. A bypass can optionally be used for lower air velocities at the beginning of the test section. Air passes a humidity sensor (HMT120; Vaisala, Vantaa, Finland; standard uncertainty of ±3% relative humidity) and thereafter a mass flow sensor. Two options are available for the mass flow sensor; Option 1 is suited for low flow rates up to 50 L/min (Red-y; Vögtlin Instruments GmbH, Aesch, Switzerland; standard uncertainty of 0.5% of measured value + 0.15 L/min); Option 2 is suited for flow rates from 50 to 190 L/min (TA Di 16 GE; Höntzsch GmbH, Waiblingen-Hegnach, Germany; standard uncertainty of 2% of measured value + 0.24 L/min). The channel enlarges after the mass flow meter and before the test sample. The ratio of channel length to channel height for this section is channel,in / channel = 14. The channel itself has a cross section of 10 mm × 100 mm.
Within the enclosure and before reaching the test sample, efforts were made to ensure the coolant flow velocity was constant (uniform) all over the cross section. To achieve this, the coolant first flows through a porous foam, then 10 mm and 5 mm before the sample core through a homogenizer grid based on a polyamide mesh with a mesh size of 0.5 mm.
After the air passed the sample, two homogenizer grids were positioned 5 mm and 10 mm behind the sample to ensure uniform velocity for temperature measurement. Air passes a second humidity sensor (HMT120) and finally a fan (G1G126-AB13-13; ebm-papst, Mulfingen, Germany). The fan is installed to control the volume flow of air in more detail and to run preliminary without the air flow conditioning section.
For pressure drop measurements, a differential pressure sensor for a measurement range from 0 to 60 Pa (CXLdp; ICS Schneider, Neuendorf, Germany; standard uncertainty 0.54 Pa) and for 50 to 250 Pa (Druckaufnehmer PI-Sensor; halstrup-walcher GmbH, Kirchzarten, Germany; standard uncertainty 2.8 Pa) were positioned at the inlet and outlet of the test sample, respectively. The absolute pressure can be measured (331113; Feingeräte Fischer, Drebach, Germany; 90 to 105 kPa, standard uncertainty 0.1 kPa) at the beginning and end of the test section and 25 mm before the test sample. For heat transfer measurement, a constant wall temperature boundary condition was imposed on the bottom and top face of the test core by two heating cartridges (24 V/100 W, Ø 5 mm × 100 mm; Friedr. Freek GmbH, Menden, Germany) installed in the heating plates.
A heat conducting foil (thermal pad 1 mm; 3 M, Maplewood, MN, USA), was inserted between the heating plates and the sample plates to ensure the uniformity of the temperature. 12 thin PT-100 temperature sensors (RTD Platinum Sensor, IST AG, Ebnat-Kappel, Switzerland, calibrated standard uncertainty 0.1 K) with 1.6 mm × 1.2 mm × 0.6 mm outer dimensions were mounted in the heating plates. 12 additional PT-100 temperature sensors were mounted in the sample plates (see Figure 2 and Figure 4) . Two self-built meandering platinum wire temperature sensors (each 0.5 m long, 0.025 mm diameter platinum wire, threaded in polyamide mesh, ca 100 Ω at 0 °C; calibrated standard uncertainty 0.1 K) were positioned within the homogenizer grids at the inlet and outlet of the test sample to measure the coolant temperature at the cross section. Thus an integrative value for air temperature for the channel cross section can be determined. To minimize heat losses to the ambient a test sample enclosure was installed. It consists of a polyurethane box which is lined from the inside with the insulation material Styrodur ® . The test core and heating plate is closed at top and bottom by panels of polyurethane which are screwed together to hold the heating plate, test core, and the temperature sensors in position.
All measurements were performed under steady-state conditions and repeated until significant data repetition was ensured. The usual time to reach steady state was less than 10 min; however, the boundary conditions have been kept constant for 30 min. The measurements were taken at several different air velocities ranging from 0.25 to 4 m/s. The heating power was chosen, such that the maximum heating plate temperature was below 68 °C to prevent deformation or melting of test section parts. Details of the test rig are given in Figure 6 . Figure 6 . View of the test section and additional components; 1: preconditioned air inlet; 2: bypass; 3: throttle valve; 4a and b: mass flow rate sensors; 5: cross section adaption; 6: test sample enclosure; 6a: platinum wire temperature sensor threaded in polyamide mesh; 6b: test sample; 6c: differential pressure probes; 7: contraction duct; 8: fan; 9: electric cabinet.
Data Reduction Parameters
The total heat transfer rate in the heat exchanger:
and the overall heat transfer HX HTS , defined as:
can be calculated based on the measurement data. Equations (1) and (2) are based on the mass flow rate ̇a ir , the specific heat ,air , the temperature difference Δ air,HX of air inlet and outlet temperatures in the heat exchanger, and the true (or effective) mean temperature difference, also referred to as the mean temperature driving potential Δ m . The true mean temperature difference is defined as:
where the temperature saplt,in and saplt,out are the sample plate temperature. They are calculated for the inlet and outlet as a mean of the 6 sensor signals at the beginning and at the end of the sample plate, respectively (cf. sensor position in Figure 2 and Figure 4) . The temperatures air,in,HX and air,out,HX represent the air temperatures directly before and after the heat exchanger structure. They are based on the measurement with the self-built meandering sensors ( air,in and air,out ), but corrected due to gains and losses within the channel between the sensor and the test core. The corrections at the inlet and outlet are below 0.3 °C and 0.02 °C, respectively for the enhancements tested in this study.
The product of the heat transfer surface area HTS on the air side (including the enhancement structure and the sample plate surface area in contact with air; HTS = HTS,st + HTS,p ) and the overall heat transfer coefficient HX can be separated into its factors, if the heat transfer surface area is known.
When a (pin fin) wire structure is contacted to a heating plate, the same procedure as for conventional fins can be applied to estimate the airside convective heat transfer coefficient. For the moment, we refer to an effective heat transfer coefficient air,eff . It includes a possible contact resistance between fins and wall, the heat conduction through the fins, and the convective heat transfer from the fins and the sample wall to the air; but not the heat transfer from the heating plate to the sample plate [3, 19] . The effective heat transfer coefficient air,eff refers to the same heat transfer surface area HTS as HX described in Equation (2) . For the experiments, the air side wall temperature wall,air is not known, so air,eff has to be determined indirectly from the overall heat transfer HX HTS . The latter is the result of a series connection of air,eff HTS and the conduction through the sample plate. Thus: 
holds. The cross sectional surface area of the wall is the same as the heating plate surface area. The parameter saplt,T is the thickness of the sample plate from the temperature measurement position to the wall in contact with air.
The pressure drop Δ air is based on the differential pressure sensor. For measurement of differential pressure the homogenizer grids and temperature sensors in the channel before and after the test core have been taken out.
The Nusselt number on the air side is a non-dimensional quantity, expressing the convective heat transfer versus the conductive heat transfer. It is defined as:
where ch is a characteristic length of the air side of the heat exchanger which is chosen in this study to be the wire diameter of 0.25 mm. An equal characteristic length for all heat exchangers allows for easy comparison of different kinds of fins in terms of Reynolds number and Nusselt number. Thus the characteristic length is taken to be 0.25 mm for the louvered fin as well. The convective heat transfer coefficient on the air side ℎ air can only be determined if the conductive heat resistance of the sample plate and the fins is known. This is in general not possible by means of a measurement but by means of a simulation/calculation. Therefore the Nusselt number Nu air can be presented for CFD-simulated heat exchangers or very well defined geometry with an available formula for fin efficiency only. The later condition holds for the pin fins and louvered fins. The heat transfer coefficient ℎ air and effective heat transfer coefficient air,eff can then be related via the extended surface efficiency 0 [20] , determined from fin efficiency of pin fins and louvered fins (see Appendix) by:
air,eff = 0 ℎ air .
The non-dimensional representation of pressure drop is the Fanning friction factor air which is given by:
with air representing the mean velocity on the air side of the heat exchanger structure and st being the length of heat exchanger structure in air flow direction. The non-dimensional quantities can be related to the airside Reynolds number: 
Uncertainty Analysis
The uncertainties of the temperature sensors given in Section 3.1 are one part of the uncertainty in the test set-up to determine sample plate and air inlet/outlet temperatures. The positioning and number of sensors can influence the uncertainty as well. As the sample plate temperature is a mean value, based on several temperature sensors, a standard deviation can be calculated. This deviation expresses the scattering of temperature within the sample plate around the mean. A large deviation restricts the method of logarithmic mean temperature difference (Equation (3)) as the local difference between air outlet temperature and sample plate temperature might differ from the mean difference. Thus in some areas of the heat exchanger the driving temperature difference (between sample plate and air) might be very low, whereas in other parts it might still be large. As the logarithmic mean temperature is strongly non-linear a mean value will not express the correct driving temperature. Therefore an additional uncertainty of the mean sample plate temperature has been added to the uncertainty analysis. Figure 7 shows the mean values and the standard deviation of the sample plate temperature of the wire structure. The standard deviation of the temperature values varies from 0.6 K to 1.7 K. The standard deviation of the temperature mean is by a factor of 1/√6 smaller, due to the number of sensors. It will be used as uncertainty for the sample plate mean temperature.
Figure 7.
Mean inlet and outlet temperatures of the air and sample plate with respect to different Reynolds numbers Re air,st for the wire structure. Twice the standard deviation of the measured temperature value is given for the sample plates as error bars, representing 95% of the data.
The air inlet and outlet temperatures used in Equations (1) and (3) 
Both temperatures are equal if the velocity air , the density air , and the heat capacity ,air are constant within the air inlet cross section st,in . This assumption holds for well mixed air flow. In the present test section this is realized by several grids in front of the temperature sensors. However, CFD simulations of the homogenizer grids and air flow through the channel show that a strongly uniform flow cannot be reached. Related to the operating conditions an additional uncertainty of 0.26 K and 0.09 K has been assigned to the air inlet and outlet temperature, respectively.
Lastly the pressure drop measurement has additional uncertainty due to the position of the sensors in the channel. However CFD simulations of the channel air flow show a very low deviation of maximum/minimum pressure in the channel cross section compared to the mean pressure, such that the sensor uncertainty determines the uncertainty. No additional uncertainty has been added. Table 3 shows the sensor uncertainties and the additional uncertainties related to position and averaging. The uncertainty of the experimental results is assessed based on measurement uncertainties using the Gaussian uncertainty propagation rule [21] . The level of confidence is expressed in terms of an expanded uncertainty interval. The expanded uncertainty is obtained by multiplying the combined standard uncertainty by a coverage factor of 2. Assuming that the measurement data are normally distributed, 95% of the data lies in this interval. 
Performance Evaluation
Several different velocities have been measured with a focus on velocities through the structure in the range of 2 to 2.5 m/s. The heat flow rates ranged from 30 W to 110 W, dependent on the velocity and enhancement structure (see Figure 8) . As the pin fin test core had a 20% higher channel height, compared to the louvered fins, the air mass flow rate at equal velocities differ. Thus, it was possible to have higher heat flow rates for the pin fins at equal velocities. High heat flow rates are not necessarily related to high thermal performance, but are a consequence of geometric and operational conditions, which differ between pin fin and louvered fin enhancement. The air flow at the outlet reached temperatures close to the sample plate temperature for low velocities. Thus the uncertainty of the thermal performance key figures is high for those values. An overview of the experimentally determined data points is given in Table 4 . The air side effectiveness air can be considered within the table. With increasing velocity the effectiveness decreases due to a higher increase of the capacity flow rate ̇ compared to the increase of the effective heat transfer coefficient air,eff . Thus measurements of thermal performance at lower velocities than the depicted could not be performed, as the uncertainty increased too strong. The energy balances between the heat flow rate into the heat exchanger structure and air ̇H X and the electric power el matches with a relative difference of maximum 4%. The effective heat transfer coefficient for both enhancements is shown in Figure 9 . The pin fin enhancement has more than twice the heat transfer coefficient for the considered velocity range of 1.5 m/s to 3 m/s. Both enhancements show lower values of heat transfer coefficient for low air velocities. The experimental data for thermo-hydraulic performance is shown in non-dimensional form in Figure 11 . The plots are extended with performance information from correlation in literature. The pin fins are correlated based on a 2D-CFD simulation [22] , the louvered fins are correlated versus data from an experimental study [23] .
The present measurement and the literature correlation for the louvered fins show a similar slope; the measurements show slightly higher Nusselt numbers and slightly lower Fanning friction factors.
The present measurement and the correlation for the pin fins show a different behavior. Whereas the 2D-CFD simulation data of the Nusselt number shows a slope comparable to the louvered fins, the measurement data shows a considerably steeper slope; the measurements show lower Nusselt numbers for low velocities and agree with the simulations for higher velocities. The measured Fanning friction factor for the pin fins shows a flatter slope compared to the simulations. A good agreement of friction factor can be found for lower velocities, for higher velocities the relative difference is in the order of 40%. Figure 11 . Thermo-hydraulic performance in non-dimensional form; Nusselt number Nu st (left) and Fanning friction factor f st (right) versus Reynolds number Re st ; Ribbons represent correlated data for pin fins [22] and louvered fins [23] ; error bars for expanded uncertainty. Similar to Figure 9 and Figure 10 , the pin fin structure shows a clear enlargement of Nusselt numbers, with the drawback of a distinct enlargement of the friction factors.
Discussion
The test facility allows measurement of heat transfer and pressure drop characteristics for small scale heat exchanger test samples. The test facility can be operated at a variety of different air velocities. The operational conditions yield different uncertainties. The relative expanded uncertainty of the Nusselt number of the pin fins can be kept lower than 7% for Reynolds numbers between 25 and 50. Data for lower Reynolds numbers show the common phenomenon of a strongly decreasing Nusselt number. A reason for this can be the very small temperature differences of the air outlet and the sample plate temperatures. These mean temperature differences are below 4 °C for velocities lower than 2 m/s. Furthermore, the sample plate temperature at the inlet and outlet differs for the 6 measurement points by 4.5 °C and 3 °C, respectively. Thus a constant homogenous heat flux cannot be guaranteed. Data for Reynolds numbers below 30 must be looked at carefully.
Similarly, the high uncertainties for the Nusselt number of the louvered fins can be explained. The very high value of effectiveness air = 0.98 for low air velocities comes along with a small difference of air outlet and sample outlet temperature (0.6 K). Therefore, the expanded uncertainties in Nusselt number range from 12% to 26%. The selection of this louvered fin geometry as a reference geometry was based on available and manufactural fins. A shortening of the fin length in air flow length could have been done to decrease the effectiveness and thus the uncertainty. However uncertainties in fin geometry might have increased the uncertainty again.
The relative expanded uncertainties for pressure drop and thus the relative expanded uncertainties for Fanning friction factor are for all Reynolds numbers (6 < Re st < 52) and both fin types below 8%. The necessity to differ between low pressure drops in the range of 5 to 50 Pa and pressure drops in the range of 50 to 250 Pa have proven to be true. The measured pressure drops range from 5 to 90 Pa. The application of two sensors can be recommended, if the range of velocities shall be large.
The measurement of air inlet and outlet temperature with a meandering platinum wire sensor is an unconventional approach for temperature measurement. It allows (i) an integrative measurement of the air temperature in the flow cross section, (ii) a small interference in fluid flow, (iii) a measurement close to the sample with the drawback of (iv) the necessity of equal velocities in the cross section of the sensor, (v) difficulties in the calibration of the senor due to a non-punctual measurement, and (vi) a very time consuming process of threading the platinum wire in the plastic mesh. If integrative measurements are needed the authors recommend to check for manufacturing possibilities of meandering platinum wire sensor.
The louvered fins show the thermo-hydraulic performance expected for the specific geometry based on literature data in [23] . The effective heat transfer coefficients are in the range of 100 W/(m²K) to 150 W/(m²K). In combination with the high volume specific surface area of 2240 m²/m³ and relatively low pressure drops of 2000 to 2800 Pa/m (for 2-2.5 m/s) the enhancement shows very high performance. Despite the high uncertainties in measurements the Nusselt number follows the shape of curve from literature data.
The micro pin fin wire structure shows a slightly less promising thermo-hydraulic performance compared to the 2D-CFD simulations in [22] . There are several possible explanations for this result. First, the 2D simulation neglects influences of the sample plate wall; especially at high inlet velocities the shear stress at the wall influences the pressure, the velocity, and the temperature field. 3D-CFD simulations (non-published) show a 30% higher Fanning friction factor for a Reynolds number of Re st = 70 for the pin fins compared to the 2D simulation. Second, the pin fin test core (Figure 4 ) has geometrical irregularities due to the manual manufacturing process. As a result, some wires are not contacted, not homogeneously distributed, and there are solder meniscuses on the soldering joints of the wires. A reduction in thermo-hydraulic performance is possible. The large differences in the sample plate temperature provide a first evidence of non-homogeneity.
In essence, the effective heat transfer coefficients are twice as high compared to the louvered fins and volume specific surface area is in similar dimension with 1970 m²/m³. The pressure drop shows significant increase compared to the louvered fins in the order of 2. Thus the micro pins fins in a heat exchanger might fail to increase heat transfer significantly with use of less or equal fan power. Nevertheless the pin fins allow a reduction of the heat exchanger size in the order of 2 and thus allow new degrees of freedom in design and a significant material reduction. Furthermore, the tested pin fin wire structures have a wire diameter of 250 µm. A reduction to 100 µm or less might be possible. Heat transfer coefficients can thus be increased further. Moreover, an in-line array of wires instead of the staggered wire structures (cf. [22] ) could allow a strong decrease in pressure drop, with small losses in thermal performance.
The manufacturing of the pin fin structure is a continuation of the work from Sahiti [13] and Fugmann et al. [14] , showing the preparation feasibility of thin pin fin heat exchangers with a wire diameter of 250 µm. For the first time a thermo-hydraulic performance measurement with well-defined boundary conditions could be realized. The development of the test rig is based on test facilities from various authors (see Table 1 ). An improvement is given by the possibility to measure very compact structures with small (<1 cm) lengths in flow direction. The uncertainties of performance parameters (e.g., Nusselt number) are in the same range as in the current state literature. The uncertainty analysis has been described explicitly in Section 3.3. In addition, the test facility can be used to measure the de-and adsorption of water on a coated sample due to the adjustment of air inlet humidity and temperature with the air flow conditioning section.
Conclusions
• A test facility for thermo-hydraulic performance measurements of small scale heat transfer surface area enhancements has been constructed. • A performance comparison of different heat exchanger structures can be realized with less manufacturing costs than in standard tests.
•
An innovative micro pin fin structure and a louvered fin reference structure have been evaluated; other types of enhancement, such as foams, are suitable for measurement as well.
The geometrical inaccuracy, the deformation of wire arrays, improper wire contacting, and vortex shedding on the back side might influence the performance; their impact has not been evaluated.
The uncertainties of Nusselt number and Fanning friction factor for the micro pin fin structure is below 7% and 6%, respectively.
The micro pin fin wire structure shows twice the heat transfer coefficient and twice the pressure drop compared to a louvered fin reference; thus a more compact heat exchanger with similar performance and less material usage is conceivable. 
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Appendix A. Fin Efficiency and Extended Surface Efficiency
The fin efficiency fin of plate-fin and tube-fin geometries of uniform fin thickness is given in [20] by: 
For the louvered fins, the calculation of and is similar (see details in [20] ). The extended surface efficiency 0 is given in [20] 
for which all input variables are non-dimensional. 
